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Abstract—This paper presents the auxiliary bearing design and
rotor drop analysis of a single stage motor-compressor. The
auxiliary bearing design consists of double row, ceramic ball
bearings with cages and with high axial preload. The axial
preload is provided by Bellville washers which also provide axial
spring stiffness and damping. The auxiliary bearings are laterally
mounted on tolerance ring wave springs which provide support
stiffness and damping to help absorb the impacts due to the rotor
drop. A nonlinear transient rotor dynamics and auxiliary
bearing modeling code has been utilized to carry out the rotor
drop analysis. The very large mathematical model includes all of
the shaft degrees of freedom, the auxiliary bearing races and all
of the balls, as well as the Bellville washers and the wave springs.
The rotor orbits, the inner and outer race orbits and the ball
displacements are all evaluated versus time during the drop. The
orbits were found to simply oscillate in the bottom of the auxiliary
bearings and do not go into large orbit whirls. Also, the auxiliary
bearing maximum compressive stress levels were evaluated and
found to be well below the material yield stresses indicating long
auxiliary bearing life in terms of number of drops without
damaging the auxiliary bearings.

l. INTRODUCTION

AMBs have many advantages over conventional
mechanical bearings. They enable the control of the rotor
position and vibration levels through feedback control.
However, the properly designed backup bearing system is
necessary to protect the AMBSs and the rotor in the event of loss
of electrical power. The event can be either a short time or a
long time loss of electrical power, system overload of AMB
support capability, or other equipment failure. In AMB
systems, the auxiliary bearings are used to protect the magnetic
bearings, the rotor, and the stator, including critical machine
components such as seals from damage [1].

The most common solution for the auxiliary bearings are
rolling element bearings due to low friction (minimizes heat
and wear), radial and thrust load capability, and minimum
volume [2]. Rotor drop happens when the system suddenly
loses suspension during operation and a very detailed
evaluation of auxiliary bearing system during the rotor drop is
needed. The understanding and mathematical modeling of
auxiliary (backup) bearings has been made a priority by the
American Petroleum Institute using analytical or experimental
methods [3]. Some previous testing of auxiliary bearings for
AMB has been described in [4-6]. One main difference
between AMBSs and auxiliary bearings is that auxiliary bearings

are consumable protective devices that can be replaced after
several drops. However, the analysis methods for handling the
drop problem are nonlinear due to contact on and off during the
event [7-9]. The full system modeling results in heavy
computational time.

To more accurately describe rotor behavior, a full nonlinear
time transient analysis of the flexible rotor with rolling element
bearings has been developed. Typically rolling element static
analyses are based on constant bearing rotational speed.
However, in the case of auxiliary bearings, the rotating speed
changes rapidly and the loads are impact loads. For modelling
of rolling element bearings, the essential and advanced
technology is given by Harris [10-11]. The method uses the
operating speed, bearing geometry and external applied load to
calculate dry Hertzian contact stiffness and damping
coefficients between raceway and ball, angular contact angle,
and ball behaviors have been published [12]. For rotor drop
analysis, impact loading due to contact between shaft and inner
race surface is the applied force to the auxiliary bearings.
Furthermore, the preloaded auxiliary bearings have flexible
damped supports which are applied to the auxiliary bearing
system to avoid potential auxiliary damage under the first
several impact loads [13]. Evaluation of the whole auxiliary
bearing system makes the problem more complicated [14-18].
Heavy computer running time has to be carefully considered for
the type of nonlinear solver used as well.
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Figure 1. Sc
hematic of High Speed Motor-Compressor Geometry.
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Figure 2. Sc
hematic of High Speed Motor-Compressor Rotor.

II.  MOTOR COMPRESSOR CONFIGURATION

The high speed motor compressor design geometry is
shown in Fig. 1 and the rotor geometry is illustrated in Fig. 2.

The rotor operating speed is 20,000 rpm, the rotor total
weight is 97.2 kg, and the overall length is 952 mm. The
magnetic bearing system is 5 axes, 2 radial and 1 thrust. There
are 2 touchdown bearings, angular contact double row ceramic
ball bearing without a cage.

I1l.  AUXILIARY BEARING DESIGN

The auxiliary bearing used in this motor-compressor unit is
an angular contact ball bearing with ceramic balls and no cage.
The geometry is shown in Fig. 3, obtained from Cerobear
GmbH, Germany.

Figure 3. G
eometry of Cerobear Angular Contract Ceramic Cageless Auxiliary Bearing.

The auxiliary bearing is a double row ball bearing with
housing, axial preload with Bellville washers, landing sleeve,
and wave springs as shown in Fig. 4. The bearing has axial
preload to provide good angular contact between bearing races
and balls so that the auxiliary bearings can withstand both radial
and axial loads. The axial preload is produced by a set of
Bellville washers, as illustrated in Fig 4. In this configuration,
the radial gap is 0.25 mm. The axial airgap placed between the
rotor and bearing outer race is 0.25 mm as well.

The Belleville washer geometry is shown in Fig. 5. The
tapered Bellville washer geometry can be compressed during
auxiliary bearing assembly. The axial tension can be adjusted
by varying the number of washers as well as the taper angle on
the washer. .

The wave spring and damping element, shown in Fig. 6,
encircles the auxiliary bearings to provide both flexible
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Figure 4. A
uxiliary Bearing with Housing, Axial Preload with Bellville Washers,

supports for a softer landing and damping to reduce vibration
amplitudes during the rotor drops. Different wave spring
configurations are available from suppliers.
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ellville Washer Geometry

IV. ROTOR DROP ANALYSIS METHODOLOGY

The rotor drop analysis is carried out to evaluate the rotor
orbits that arise when the power for the magnetic bearings is
lost unexpectedly. The auxiliary bearings do not rotate during
normal rotor operation at speed. Normally, the rotor is levitated
in the magnetic bearings before the motor starts the rotor
rotating. 1f the AMB power is lost, the rotor then drops on the
auxiliary bearings. The rotor then impacts the inner race of the
auxiliary ball bearings. The rotor drop analysis is a nonlinear
rotor transient analysis which is carried out as a numerical
modeling software program. The linear shaft model in the
software is a 12 degrees of freedom (DOF) beam finite model
including lateral, torsional, and axial displacements. The 12
DOF finite element is shown in Fig. 7.

Now the auxiliary bearing model is discussed. The
auxiliary bearing part of the rotor drop analysis involves a
Hertzian dry friction contact model along the ball/inner or
ball/outer race contact areas as shown in Fig. 8. This rotor drop
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analysis includes all of the balls in the auxiliary bearings, as
illustrated in Fig.9. The radial force acting upon the ball/inner
race and ball/outer race contacts are illustrated in Fig. 9.

Figure 7. T
welve dearee of freedom finite element beam rotor model

The initial radial and axial airgaps for the auxiliary bearings
are illustrated in Fig. 10. The geometry of the balls in the
auxiliary bearing is shown in Fig. 11. The balls undergo
rotation in multiple directions, as illustrated in Fig. 11. The ball
contact angle between the inner and outer races, is also
illustrated in Fig. 11.

The impeller end auxiliary bearing takes radial and axial
loads while the opposite impeller end auxiliary bearing takes
the radial load only. The finite element model of the rotor also
showing the auxiliary bearing locations is given in Fig. 12. The
unbalance location was taken at the impeller with magnitude
112.24 g-mm, corresponding to ISO G2.5 balance grade. The
original AMB closed loop stiffness was 2-107 N/m and closed
loop damping was 1-10* N-s/m. The thrust load from the

Figure 8. H
ertzian Contact Geometry in Rolling or Sliding Friction

impeller was evaluated as 1,950 N. The auxiliary bearing
airgap was taken as 0.25 mm and the axial airgap as 0.25 mm.

Figure 9. H
ertzian Dry Contact Between Balls/Inner Race or Balls/Outer Race Due to

V. ROTOR DROP RESULTS

The initial shaft orbits before the rotor drop are illustrated
in Fig. 13 with the magnetic bearings in operation. The original
AMB closed loop stiffness was 2-107 N/m and closed loop
damping was 1-10* N-s/m.

Inner Race

Figure 10. C
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The rotor x and y direction orbits at the auxiliary bearing 1,
near the impeller, are shown in Fig. 14. This is the desired type
of drop orbit which does not go into large whirl motions. The
axial motion plot, both displacement and velocity versus time
is given in Fig; 14, showing the rapid decay with time. The
lateral orbits at auxiliary bearing 2, at the non-impeller end, are
shown in Fig. 15. The orbits are similar to those at the auxiliary
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Figure 11. B

all and Race Geometry for Angular Contact Auxiliary Bearings with Contact
bearing at the non-impeller end. Again, the orbits only oscillate
in the bottom of the bearing and do not go into large amplitude
whirl.

Rotor Model - After Drop (Disk&Lumped Mass NOT in scale)
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Figure 12. R
otor Finite Element Method Showing Auxiliary Bearing Locations

The unbalance location was taken at the impeller with
magnitude 112.24 g-mm, corresponding to 1SO G2.5 balance
grade. The thrust load from the impeller was evaluated as 1,950
N. The auxiliary bearing airgap was taken as 0.25 mm and the
axial airgap as 0.25 mm.
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Figure 13. Initial Shaft Orbits Before Rotor Drop

These results show that the rotor drops directly to the
bottom of the auxiliary bearing and then oscillates in a small
amplitude, back and forth orbit near the bottom of the auxiliary
bearing.

The relative motion orbit of shaft vs. inner race of auxiliary
bearings 1 and 2 are shown in the upper two plots in Fig. 16.
The two lower plots show the rotational speeds of the inner
races in auxiliary bearings 1 and 2. It is clear that the inner race
of auxiliary bearing 2 increases much more rapidly, to the
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Figure 14. Rotor Lateral Orbits and Axial Vibrations at Auxiliary Bearing 1,
Impeller End

operating speed of 20,000 rpm in approximately 0.1 sec
following the rotor drop event. The unbalance load is taken in
the impeller, due to the impeller unbalance, so the rapid
acceleration of the inner race 2 prevents any major damage
from occurring in the auxiliary bearings. The calculated shaft
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Figure 15. Rotor Lateral Orbits at Auxiliary Bearing 2, at Non-Impeller End

orbits at the time of 0.5 sec are shown in Fig. 17.

The maximum stresses in the first ball/inner race is shown
in Fig. 18. The maximum stresses in the second ball/outer race
in the first ball/outer race is given in Fig. 19. From these
calculated values, we see that the maximum inner race stress for
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Figure 16. Upper: Shaft Orbits Inside of Auxiliary Bearings 1 and 2. Lower:
Variation of Rotatioanl Speed of Inner Races of Auxiliary Bearings 1 and 2

the second row is approximately 3,200 MPa, which occurs in
the first two touchdowns. The maximum outer row stress
values are approximately 2,000 MPa. The maximum values for
the second row are much lower.
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Figure 17. Shaft Orbit at 0.5 s at Operating Speed of 20,000 rpm

The contact forces on the auxiliary bearing 1 are given in
Fig. 20. The radial contact forces are given in Fig. 20 with a
maximum value of 6,500 N and the axial contact forces with a
maximum value of 11,000 N are given in Fig. 20. We note that
the contact maximum forces all occur in the first several impact
touchdowns.  These values yield approximate values of
acceleration of 6X to 8X static radial and axial loads
respectively. The contact forces on the auxiliary bearing 2 are
given in Fig. 20 with the radial contact forces (upper) and axial
contact forces (lower). The maximum radial contact force is
4,500 N and there is no axial contact force by design.
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Figure 18. Maximum Inner and Outer Race Stresses in the First and Second
Ball Bearing/Race Row for Auxiliary Bearing 1

VI. CONCLUSIONS

This paper presents a detailed analysis of a high speed
industrial motor compressor when a power loss even happens
and the rotor drops into the auxiliary bearings. The auxiliary
bearings, including dual angular contact ceramic cageless ball
bearings, were selected for this motor-compressor. The
Bellville washers which provide axial preload on the ball
bearings as well as stiffness and damping were designed for this
unit. Also, wavy flexible spring supports were designed to
provide lateral stiffness and damping to reduce lateral contact
forces and damping to further reduce lateral vibration levels
over time.

A very detailed nonlinear transient analysis was carried out
to evaluate the lateral orbits and axial motions. The nonlinear
analysis included the flexible rotor, the inner and outer races,
all of the balls in the bearings, the Bellville washers and the
wavy spring supports. The calculated lateral orbits in both
auxiliary bearings 1 and 2 were found to have low amplitude
back and forth orbits in the bottom of the auxiliary bearings
with no large whirl orbits. Thus the auxiliary bearings provide
excellent supports during the rotor impacts. In the second row
of auxiliary bearing 2, the maximum inner race stress for the
second row is approximately 3,200 MPa which occurs in the
first two touchdowns. The maximum outer row stress values
are approximately 2,000 MPa. The maximum values for the
second row are much lower. Thus, these calculated values
indicate that the auxiliary bearing design is very good for
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Figure 19. Maximum Inner and Outer Race Stresses in the First and Second
Ball Bearing/Race Row for Auxiliary Bearing 2

absorbing the rotor drop impacts and should be able to
withstand many rotor drops without damage.
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